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Experimental Study of a Reversible Loop Heat Pipe
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An experimental investigation of a reversible loop heat pipe was conducted to determine the operating limits and
performance characteristics as a function of the thermophysical and geometric parameters, the heat input, and the
cooling intensity. Variations in both the temperature and heat transport capacity were measured and analyzed to
accurately evaluate the transient operating characteristics. In addition, the maximum heat transport as a function
of the mean evaporator temperature, the ratio of heat transport to heater input power as a function of the mean
evaporator temperature, and the overall thermal resistance as a function of the overall heat transport capacity were
examined. The results indicated that the operating limits and performance characteristics of these devices were a
strong function of the cooling intensity, with the maximum heat transport corresponding to a cooling intensity of
290 W/◦C, more than twice that obtained for a cooling intensity of 72 W/◦C. Observation of the transient startup
characteristics indicated that the optimal mean evaporator temperature for reliable startup was in the range of 35
to 60◦C. Using these operating parameters, overall thermal resistances as low as 0.02◦C/W were measured.

Nomenclature
cp = specific heat, J/kg · ◦C
Est,c = rate of change of energy in the condenser, W
Est,e = rate of change of energy in the evaporator, W
hl = liquid enthalpy, J/kg
hv = vapor enthalpy, J/kg
keff = effective thermal conductivity, W/m · K
ṁc = coolant mass flow rate, kg/s
ṁl = liquid mass flow rate, kg/s
ṁv = vapor mass flow rate, kg/s
mcp = cooling intensity, W/◦C
P = pressure, MPa
qi = heat input, W
qL ,c = heat loss from the condensor, W
qL ,e = heat loss from the evaporator, W
R = thermal resistance, ◦C/W
Tci = coolant inlet temperature, ◦C
Tco = coolant outlet temperature, ◦C
Tc,m = average condenser temperature, ◦C
Te,m = average evaporator temperature, ◦C
Vh = output voltage of power transducer, V
Vm = output voltage of mass flow meter, V

Subscripts

c = coolant or condenser
e = evaporator
h = heater
i = inlet or input
L = heat loss
m = mass flow rate or average value
o = exit
s = sensible heat
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st = energy storing
w = wick

I. Introduction

L OOP heat pipes (LHPs) are similar to traditional heat pipes
in that they utilize a two-phase heat transfer process resulting

in minimal temperature drops. As is the case for conventional heat
pipes, LHPs utilize the capillary forces inherent in a wicking struc-
ture to pump a working fluid from the heat source to the heat sink.
Heat applied to the evaporator is conducted through the evaporator
wall, resulting in evaporation of the working fluid, which results
in evaporation of the saturated liquid. The vapor then flows to the
condenser through the vapor transport line. At the condenser, heat is
rejected and the vapor condensed, causing the vapor to give up the
latent heat, which is rejected to the outer surface of the condenser.
The liquid flowing out of the two-phase region of the condenser
enters a subcooler or compensation chamber, which is serially con-
nected to the end of the condenser and designed to eliminate vapor
bubbles by providing sufficient subcooling to the liquid. Finally,
the subcooled liquid returns to the evaporator due to the capillary
pressure gradient, completing the thermal loop.

In addition to the high capillary pressure generated by the wicking
structure, an important feature of an LHP is the separation of the liq-
uid and vapor flows into separate flow lines. This makes it possible
to significantly reduce liquid-side pressure loss as well as remov-
ing the interfacial instabilities frequently occurring at the flooded
wick surface. The combination of high capillary pressures and low
frictional pressure drops results in a relatively high heat transport
limit, even when the condenser and evaporator are separated over
distances of up to 3 m or more. Using ultrafine porous metal powder
wicks, heat transport limits as high as 1.7 kW have been observed.1

Because of the high capillary pumping pressure and low fric-
tional pressure drop, these devices are best applied in situations
involving very high heat loads over long distances, or in adverse
gravitational environments.2 In addition, because of the possibility
of utilizing flexible liquid and vapor transport lines, these devices
are well suited for use in deployable spacecraft radiators.3 Previous
investigations have determined that LHPs can satisfy the rigorous
operational requirements even for advanced spacecraft and these de-
vices have been selected as one of several candidate thermal control
systems for the Earth Observing System4 and as part of the base-
line design for the thermal control systems for NASA’s Geoscience
Laser Altimeter Systems.5
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The first investigations of LHPs were related to capillary-
driven steam generators developed by Laub and McGinness6 and
McGinness7 at the end of 1950s. In the middle of the 1960s, the
proof-of-concept tests were first conducted by Stenger8 at the NASA
Lewis Research Center. In this investigation, the overall operating
characteristics and heat transport limits were evaluated using a test
article capable of transporting more than 800 W over distances of
1.5 m. Over the next 20 years, work focused on more traditional
heat pipes and very little information on LHPs is available in the
literature. However, because of the limitation of more traditional
heat pipes, extensive research on LHPs resumed in the mid-1980s,
and the advantages of these devices for applications in advanced
thermal control systems were newly recognized.

The basic concepts and operating principles of LHPs designed
for use in the thermal control of spacecraft was presented in the first
patent issued to Maidanik et al.9 Expanding on the initial concept
introduced by Stenger,8 a test article (model LA-ITF-07) was man-
ufactured by the Lavochkin Scientific and Production Association
and the initial test results were reported by Maidanik et al.10 Shortly
thereafter, proof-of-concept tests using an ammonia LHP were per-
formed by Dickey and Peterson11 to verify the overall transport
capacity and to better understand the operational characteristics.
In this investigation, the evaporator and condenser were approxi-
mately 120 mm long, had an outer diameter of 12 mm, and were
constructed using stainless steel tubes with a porous metal wick
inserted in the evaporator. Results of these tests indicated a max-
imum heat transport and overall thermal resistance of 130 W and
0.15◦C/W, respectively.

Numerous additional theoretical and experimental investigations
were conducted during the late 1990s and significant progress was
observed in the modeling and experimental test methods.12−16 Kaya
and Hoang5 presented a mathematical model of the LHP, which was
validated by experiments performed for sintered nickel wicks with
pore sizes of 1.2 µm and ammonia as a working fluid. A separate
subcooler with no additional wick was installed at the outlet of the
condenser. Two test articles were developed. LHP1 had a cylindrical
evaporator with a diameter of 25.4 mm and a length of 150 mm. A
compensation chamber having a diameter of 46 mm and a length
of 76 mm was connected to the evaporator. The total length was
not clearly indicated in the study, but was estimated to be approx-
imately 1000 mm. The evaporator and compensation chambers of
LHP2 were designed to be twice as long as those for LHP1 but had
similar diameters. The overall length was 2032 mm. The study re-
ported that the model prediction was very accurate at steady state. It
was also suggested that physical mechanisms of the LHP should be
investigated more widely to fully understand the temperature hys-
teresis and the transient effects.5 Although this and other work was
useful in understanding the basic operating principles, there were
very few innovative design concepts that would fully satisfy the
requirements for space applications.

At the end of the 1990s, new requirements for a number of thermal
control devices for use in spacecraft emerged. These requirements
included the ability of these devices to operate equally well in either
direction, thereby eliminating the thermal diode effect commonly
observed in most of the previously designed LHPs.17 In addition to
the previous requirements, such as high heat transport capability, low
payload, and flexible structure, this option has become an important
issue when considering the periodically changing environmental
conditions and the relative position of spacecraft with respect to the
sun.

In this sense, a new design, called a reversible loop heat pipe
(RLHP), was proposed by Maidanik.18 The RLHP was designed
to enable heat transfer equally well in both directions. The key
component of this new design was an ultrafine metal wick, with
pore sizes of 1.1 µm and a porosity of 67%, which was designed
for use in both the evaporator and the condenser to obtain high heat
transport capability in both directions.

II. Experimental Apparatus and Procedure
The objectives of the current investigation are to test and evaluate

the operating characteristics and performance limitations of these

RLHPs in a horizontal orientation, with ammonia as a working fluid.
The tests were conducted for a range of operating temperatures, heat
inputs, and cooling intensities. First, the average evaporator and con-
denser temperatures as well as the heat transport ratio (defined as
the ratio of heat transport to heat input) were measured to evalu-
ate the transient response characteristics of the RLHP. Second, the
heat transport limit and overall thermal resistance were measured at
steady state for the given heat input and cooling intensity.

A. Configuration and Operation Principles of RLHP
Figure 1 illustrates an internal schematic of the evaporator and

condenser of the RLHP test article, which has the internal wicking
design. As shown, the evaporator and condenser are approximately
190 mm long, have an external diameter of 24 mm, and are made
of a stainless steel tube. To promote circumferential distribution of
the working fluid and enhance the vaporization, triangular grooves,
0.14 mm wide and 0.15 mm deep, are machined on the inner wall
of the tube. A porous metal wick fabricated from sintered nickel
powder, with an effective pore size of 1.1 µm and a porosity of
67%, is inserted into the tube. This wick is 115 mm long with inner
and outer diameters of 22 and 14 mm, respectively, and longitudi-
nal rectangular grooves, 1 mm wide and 1 mm deep, at a pitch of
2 mm on the outer surface. An ungrooved compensation chamber is
connected to the left-hand side of the tube as shown, and connects
the evaporator and condenser by a liquid line.

The operating principles of traditional LHPs have been explained
by Faghri,2 and although the operation of RLHPs is similar, there
are a number of significant differences. In RLHPs, heat is applied
to the active zone of the evaporator (corresponding to the region
with the metal wick inside, as shown in Fig. 1); vapor is generated
from the liquid in the triangular circumferential grooves. All of the
heat, with the exception of that conducted through the portion of
the sintered wick contacting the stainless steel tube, contributes to
the phase change. This heat results in vaporization from the concave
liquid menisci of individual pores in the wicking structure. Flooding
is retarded because the vapor pressure developed inside of the vapor
space in the longitudinal grooves causes the liquid interface to recede
into the wick pores. The vapor then flows through the vapor line to
the condenser, where it is condensed on the inner surface of the
stainless steel tube. In the condenser, the condensate collects in
the circumferential grooves and is drawn into the porous wicking
structure. As was the case in the evaporator, some phase change
occurs in the porous wick close to the contact point between the
wick and the stainless steel tube because of the heat conducted
through the sintered wick. The liquid condensate absorbed into the
wick is then forced thorough the wick and into the inner vacant core
by the high vapor pressure, maintaining the full charge of the liquid
return line.

The saturated liquid typically changes to a slightly subcooled
state as it flows from the wick to the compensation chamber located
in the left-hand side of the condenser. Under steady-state condi-
tion, the RLHP operating temperature is self-regulating, adjusting
in such a way that the condenser generates sufficient subcooling to
make up for the heat leakage and heat loss to the environment.5 The
subcooled liquid flows out of the active zone and accumulates in the

Fig. 1 Detailed configuration of the RLHP evaporator/condenser.
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Fig. 2 Configuration of the RLHP and location of the thermocouples.

compensation chamber, which serves as a reservoir designed to con-
tinuously absorb liquid as well as to adjust the degree of subcooling.
As a result of the pressure difference between the evaporator and
condenser, the subcooled liquid flows through the liquid line to the
other compensation chamber of the evaporator.

The compensation chamber serves as a reservoir to continuously
supply subcooled liquid to the evaporator as well as to regulate the
flooding level of the wick interface. Boiling and/or phase change
does not typically occur in this chamber, because the evaporator
heaters are installed only on the portion of the surface in contact
with the wick. As such, one of the important functions of the com-
pensation chamber is that it can prevent or retard bubble generation,
which usually causes severe degradation of performance, especially
when the wick is flooded.

As the subcooled liquid flows through the active zone of the evap-
orator, shown in Fig. 1, it is vaporized and may boil if the super-
heat is too high. This boiling may at times become violent, leading
to depriming of the wick due to the large fluctuations in the va-
por pressure.19 In addition, the degree of superheat may become
larger as the pore size decreases, because lower liquid pressure is
encountered due to greater pressure loss across the wick. However,
violent boiling can be significantly retarded by increasing the de-
gree of subcooling.20 In the present study, which used an ultrafine
wick, subcooling was a more important parameter in determining
the operating characteristics and heat transport capacity than in con-
ventional LHPs, particularly during startup, where there must be
sufficient subcooling to provide the pressure difference required for
the circulation of the working fluid.

As shown in Fig. 2, the total length of the RLHP evaluated here
was approximately 2 m, but, during the tests, it was folded to an
overall length of 873 mm. The evaporator and condenser were sym-
metrically positioned in the same horizontal plane and connected
by two stainless steel tubes. In the evaporator, a 100-mm-long band
heater was installed in the active zone, and, similarly, a concen-
tric cooling jacket with an outer diameter of 30 mm and a length
of 106 mm was placed in contact with the condenser. Ten T-type
thermocouples were attached to the outer surface of the test article,
three each in the evaporator and condenser and four in the vapor and
liquid lines. These were placed as follows: T1 and T6 were located
in the middle of the compensation chamber; T2 and T4 were placed
on the outer surface close to the heater, to measure the evaporator
temperature; and T8 and T9 were located in the middle of the cool-
ing jacket and the right-hand side of the condenser, respectively, to
measure the condenser temperature.

B. Experimental Facility
Figure 3 illustrates the experimental setup, which consisted of the

RLHP test article, the heating and cooling systems, and a computer-
ized data acquisition system. The heating system utilized a 1200-W

Fig. 3 Schematic diagram of the experimental setup.

band heater, a manual transformer and a watt transducer to measure
the power with analog output (1–5 V for 0–1200 W). The cooling
system consisted of a constant-temperature bath, a mass flow meter,
and a cooling jacket with RTD temperature probes. The constant-
temperature bath supplied coolant with a 34% mass fraction of ethy-
lene glycol, regulated at 10 ± 0.1◦C to the cooling jacket, which had
two Chino, Pt100, A-class RTD temperature sensors. The mass flow
meter was an Oval model D025S-SS/MT9739, installed at the outlet
of the cooling jacket to measure the coolant mass flow rate with an
analog output of 1–5 V over a range of 0 to 10 kg/min. The data
logger was equipped with GPIB board connected to a personal com-
puter. All of the measured data, including 10 surface temperatures,
2 coolant temperatures, and 2 analog outputs from the power trans-
ducer and mass flow meter, were recorded at 5-s intervals. During
the experiment, the RLHP and the cooling and heating devices were
tightly insulated and encased in a wooden box to reduce heat loss.

Measurement accuracies of the power transducer and mass flow
meter were 0.1 and 0.2% of full scale, respectively. The RTD probes
were calibrated and accurate to within American Society of Heating,
Refrigerating, and Air-Conditioning Engineers (ASHRAE) stan-
dards (±0.05◦C),21 over a temperature range of 0 to 50◦C. The
accuracy of these instruments was carefully examined to minimize
measurement error, especially for the flow meter and RTD probes,
due to the importance of these measurements in the calculation of
heat transport. The combination of instrumentation used here re-
sulted in an overall uncertainty of 0.11% in the heat input, 0.28%
in the heat rejected, and 0.75% in the surface temperature measure-
ment.

C. Experimental Procedures
The RLHP was charged with 81 g of ammonia, which, when

converted to a volume fraction, defined as the ratio to a total internal
volume of 164 cm3, was estimated to be 0.81–0.89. This charge was
calculated using a liquid density of 610 and 550 g/l, corresponding
to 20 and 55◦C, respectively.22,23 Compared to the volume fraction
of conventional heat pipes, this relatively large value is necessary
because the wick is located in both the evaporator and the condenser
and the two large compensation chambers. Decreasing the charge to
a value slightly less than 81 g increases the maximum heat transport,
but will increase the minimum heat load for which reliable startup
can be ensured. As a result, although it is important to ensure that
there is sufficient charge to ensure startup, excess charge degrades
the performance because the effective surface for condensing is
reduced.

Varying the heat input (qi , W) and cooling intensity (mcp = ṁC pc ,
W/◦C), the transient response characteristics and steady-state per-
formance were evaluated in a gravitational environment with no
tilt. Before beginning the measurements, the coolant temperature
was regulated at 10◦C, at which time the test protocol was initial-
ized. The cooling intensity was then regulated to 72 or 290 W/◦C
by adjusting the valve installed just downstream of the mass flow
meter, as shown in Fig. 3. When the temperature variations of the
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evaporator and condenser were constant and within ±0.1◦C, the
heater power was increased in a stepwise fashion in 120-W incre-
ments to 1200 W. The heat input was increased to the next step, when
the RLHP reached a steady-state condition defined when tempera-
ture variations of both the evaporator (or condenser) and the coolant
were less than 0.1 and 0.05◦C, respectively. This procedure was
repeated in each step until the average evaporator or condenser tem-
perature started to abruptly increase at the dryout limit where heat
input exceeded the heat transport limit.

The average evaporator and condenser temperatures (Te,m and
Tc,m) were calculated from the three surface temperatures as

Te,m = (T1 + T2 + T4)/3 (1)

Tc,m = (T6 + T8 + T9)/3 (2)

The cooling intensity, mcp, was determined by the product of mass
flow rate (kilograms per second) and coolant specific heat (J/kg · ◦C).
The mass flow rate was calculated by the analog output, Vm :

ṁ = (2.5/60)(Vm − 1) (3)

where Vm ranged from 1 to 5 V and was linearly scaled to the mass
flow rate varying from 0 to 10 kg/min. The coolant specific heat,
cp,c, was determined by the interpolation of the values provided
by ASHRAE.24 For 34% ethylene glycol, the specific heat varied
linearly from 2300 to 2600 (J/kg · ◦C) as the coolant temperature
changed from −10 to 40◦C:

cp,c = (300/50)(Tc + 10) + 2300 (4)

The heat input (qi , W) was calculated by the analog output Vh , which
ranged from 1 to 5 V as the heat input changed from 0 to 1200 W:

qi = (1200/4)(Vh − 1) (5)

The heat transport (qt , W) was determined by the product of mcp
and the temperature difference across the inlet and outlet of the
cooling jacket:

qt = mcp × (Tco − Tci ) (6)

The overall thermal resistance was estimated as

Rt = qt/Te,m − Tc,m (7)

III. Results and Discussion
A. Thermal Analysis

Like many other moderate temperature heat pipes, the maximum
heat transport is governed by the capillary limit criterion; that is, the
capillary pumping pressure estimated from Eq. (8) must be greater
than the total system pressure drop, as shown in Eq. (9):

�Pc = 2σ/re (8)

�Pc ≥ �PL ,v + �PL , j + �Pcond + �Peva (9)

The right-hand side of Eq. (9) is the total system pressure drop,
which consists of the pressure drops in the vapor and liquid lines, the
condenser, and the evaporator. Among these, the frictional pressure
drop in the liquid line is the dominant term when comparing the order
of magnitude of individual terms. According to Kaya and Hoang,5

the total system pressure drop for the given heat input, 300 W, is
estimated to be approximately 2700 Pa. In the study, the working
fluid was ammonia and a sintered metal wick with a pore size of
1.2 µm was used. Although the total system pressure changes with
different configurations of the flow path, the estimated value can
show the order of magnitude of the pressure drop for the present
study. Using Eq. (9), the capillary pumping pressure for the present
RLHP is calculated to be 36 kPa, which is much larger than the
estimated total system pressure.

a)

b)

Fig. 4 Heat balance in an RLHP a) condenser and b) evaporator.

It is necessary to examine the energy conservation equations cor-
responding to the particular region comprising the evaporator and
condenser to fully understand the operating characteristics of RLHP.
Considering all the heat flows shown Fig. 4a, a heat balance equation
for the condenser can be written as

ṁvhv − ṁl hl = ṁccpcTco − ṁccpcTci + qL ,c + qs,c + Est,c (10)

where Est,c and qL ,c indicate the energy storage rate (W) inside the
condenser and the heat loss (W) from the condenser, respectively.
The term qs,c is the sensible heat transfer between the subcooled
liquid and the condenser wall and can be expressed as11

qs,c = Achc(Tl − Tw,c) (11)

The first two terms on the right-hand side of Eq. (10) indicate the
amount of heat transport, which is determined by the coolant tem-
perature difference as

qt = ṁccpcTco − ṁccpcTci

In the same way, the heat balance equation for the evaporator is

ṁvhv − ṁl hl = qi − qL ,e − qs,e − ESt,e (12)

where qs,e indicates the sensible heating required to heat the sub-
cooled liquid to the saturation temperature:

qs,e = ṁ(Ts − Tl) (13)

In other words, qs,e can be estimated by the heat leakage transferred
by condition, from the high-pressure to the low-pressure sides5:

qs,e = 2πkeff Lw

ln(dwo/dwi)
�Tw (14)

where the temperature difference across the wick can be determined
using the Clausius–Clapeyron equation,

�Tw =
(

∂T

∂ P

)
sat

(�Ptot − �Pw) (15)

The term �Ptot represents the total system pressure on the right-hand
side of Eq. (9). Using the effective thermal conductivity equation
proposed by Dunn and Reay,17 an approximate value of the heat
leakage, qs,e, was calculated as 28 W, if the term �Ptot − �Pw is
assumed to be equal to �Pc as defined by Eq. (8). This calculation
was made at a temperature of 43◦C for the configuration shown in
Fig. 1. Also, the temperature difference across the wick, �Tw , was
estimated to be 0.6◦C using Eq. (15).
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Eliminating the term ṁvhv − ṁl hl yields

qt = qi − (qL ,e + qL ,c) − (qs,e + qs,c) − (Est,e + Est,c) (16)

Dividing both sides of Eq. (10) by qi gives

qt/qi = 1 − (qL ,e + qL ,c)/qi − (qs,e + qs,c)/qi − (Est,e + Est,c)/qi

(17)

The ratio of the heat transport to heat input is dependent on the
heat loss, the sensible heat transfer, and the energy storage rate
experienced in the evaporator as well as the condenser. Because
there is no energy accumulation at steady state, the ratio can be
determined by the heat loss and the sensible heat transfer. However,
such a perfect steady state is seldom observed in LHPs because
of the temperature fluctuations or hysteresis, which become more
significant as the heat load decreases.

B. Transient Response Characteristics
The transient operating characteristics of conventional LHPs are

not well understood and several issues, including the aforemen-
tioned temperature hysteresis and related instabilities, require addi-
tional investigation. This is particularly true of the transient char-
acteristics of RLHPs, which are even more complicated due to the
disappearance of the thermal diode effect, because the condenser has
the same wick structure as the evaporator. If the evaporator and con-
denser have the same radius of curvature, there may be an absence
of any capillary pumping pressure or driving force to circulate the
fluid though the loop. This phenomenon becomes more dominant
in startup, when the wick in the condenser is also fully saturated
with liquid, but becomes less significant as the heat input increases.
When the vapor pressure becomes high enough to force the liquid
front to recede into the compensation chamber, then the counter-
acting capillary pressure generated by the wick in the condenser
disappears, as noted earlier.

For a given cooling intensity (mcp, W) and heat input (qi , W),
the transient variations of both the average evaporator and condenser
temperatures can be represented as a function of time, as shown in
Fig. 5. Overall, the average temperatures tend to quickly increase
with increases in heat input and approach constant values for a
given heat input, except when the dryout point has been reached,
where the temperature difference disappears. After startup, the case
of high cooling intensity resulted in a temperature 1.5–2.5◦C higher
than the liquid as the operation approached steady state. The dif-
ference approaches a smaller value of 1–1.5◦C when the degree of
cooling intensity decreases from 290 to 72 W/◦C. This is reasonable
if the larger temperature difference is caused by the simultaneous
increases in the degrees of subcooling and superheat generated in
the condenser and evaporator, respectively. In addition, the temper-
ature difference during startup (e.g., 120 W) becomes 1–2◦C larger
than that observed in steady state, regardless of the level of cool-
ing intensity. As noted earlier, for reliable startup, there must be

Fig. 5 Variation of evaporator and condenser mean temperature as a
function of time for a given cooling intensity and heater power.

Fig. 6 Variation of the ratio of heat transport to heater power as a
function of time for a given cooling intensity and heater power.

a sufficient temperature difference or level of superheat to provide
the pressure difference required for the circulation of the working
fluid.5,11

As indicated, the average evaporator temperature is approxi-
mately 40◦C for a heat input of 360 W and a cooling intensity
of 290 W/◦C and increases to 60◦C for the same heat input as the
cooling intensity is reduced to a value of 72 W/◦C. This implies
that the RLHP operation is strongly influenced by the degree of
cooling intensity, which is usually difficult to estimate, especially
for the heat sinks used in space applications. The heat transport
limit is defined as the maximum heat transport prior to reaching
dryout, as indicated by an abrupt increase in the average tempera-
ture with simultaneous decreases in the heat transport. Thus, dryout
corresponding to a cooling intensity of 72 W/◦C begins near a point
where the heat input and the average evaporator temperature are
480 W and 72◦C, respectively. However, as illustrated in Fig. 5,
dryout is significantly retarded for the case of high cooling inten-
sity, 290 W/◦C, and occurs at a heat input of 1080 W for nearly the
same evaporator temperature.

In Fig. 6, the heat transport ratio for a given cooling intensity is
presented as a function of time to analyze the transient response
characteristics. Overall, both curves indicate that the heat transport
ratios quickly increase with increases in heat input and approach cer-
tain values at which the heat transport ratio becomes constant for a
given heat input until the dryout point is reached, where the transport
ratios fall sharply. As shown, the lower cooling intensity provides
higher heat transport ratio. For the same heat input of 360 W, the
heat transport ratio is estimated to be 0.65 for a high cooling in-
tensity of 290 W/◦C but becomes approximately 0.9 for a cooling
intensity of 72 W/◦C. Regardless of the degree of cooling intensity,
both heat transport ratios steadily increase from 0.5 to 0.9 as the
heat input is increased from 240 W to the values corresponding to
dryout. However, significantly different values are observed during
the startup period, where the heat input is only 120 W. Here, the heat
transport ratio reaches 0.5 for the low cooling intensity, 72 W/◦C,
whereas a negative value (approximately −0.1) is observed for the
case of high cooling intensity. Again, this implies that the startup
characteristics of the RLHP are heavily influenced by the degree
of cooling intensity. Although a higher cooling intensity may offer
greater heat transport, it results in a penalty during startup. This
may be true for heat pipes in general, but is more distinct in the low
heat load range, particularly for the current RLHP that has a long
transport length and a condenser that generates the same capillary
suction pressure as the evaporator.

This phenomenon needs to be explained in connection with the
heat balance in the evaporator and condenser, as shown in Fig. 4 and
Eq. (17). As shown, the heat transport ratio is greatly influenced by
the sum of the three terms on the right-hand side of Eq. (17), which
includes the heat loss, (qL ,e + qL ,c)/qi , the sensible heat transfer,
(qs,e + qs,c)/qi , and the energy storage rate, (Est,e + Est,c)/qi , expe-
rienced in the condenser as well as in the evaporator. In the startup
period, the contribution of the two terms, the heat loss and energy
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storing terms, becomes more dominant, as indicated in previous
investigations.1,5 The heat loss term may be somewhat less than 1%
at 1000 W, but may approach as high as 10% at 100 W. Further-
more, the energy storage rate represents another factor that reduces
the heat transport. Existence of this loss can be verified by the fluc-
tuations of the heat transport ratio in the startup period, which is
coincident with the temperature hysteresis mentioned by Kaya and
Hoang.5 This phenomenon becomes more distinct as the cooling
intensity increases and may explain why the low-cooling-intensity
case shows a larger heat transport ratio, despite the greater heat loss
during startup, as shown in Fig. 6.

These phenomena can also be interpreted from the perspective of
the heat and mass transfer occurring in the RLHP. As the heat input
decreases, it may be more difficult for the vapor to flow through the
vapor line and to reach the condenser and so both the temperature
and the heat transport ratio fluctuate with large amplitudes. In this
case, the subcooled liquid in the condenser is pumped through the
liquid line and is accumulated in the compensation chamber of the
evaporator. Thus, the energy of the condenser decreases, particularly
in the active zone where the amount of heat transport was measured,
because the heat energy delivered by the vapor is insufficient to com-
pensate for the energy loss, due to the liquid flowing out. Eventually,
this may lead to the negative values of the heat transport ratio dur-
ing startup. The negative values of heat transport can be seen not
only in the startup period but also in the initialization process with
no heat input. For the case of high cooling intensity, 290 W/◦C, the
coolant outlet temperature is 0.4◦C lower than the inlet temperature.
This shows that there exists an offset of 116 W in the heat transport.
Finally, all of these may cause the heat transport ratio to be negative
during startup for the case of high cooling intensity.

If the heat input is subsequently increased to 240 W, startup be-
comes more reliable and the heat transport ratio abruptly increases
up to 0.5. The individual contribution of the three terms may change
as the RLHP operation approaches a more stabilized condition. The
heat loss and energy storage rate become less significant with in-
creases in the heat load. This indicates that the heat transport ratio
at steady state is governed primarily by the second term, the sen-
sible heat transfer rate, which indicates heat leakage. The amount
of heat leakage depends on the sensible heat transfer between the
heating/cooling active zones and the compensation chambers. This
heat leakage is expected to increase with increases in the degree of
subcooling, which is required for operation of the LHP. The sensible
heat transfer in the evaporator, qs,e, was calculated to be 28 W when
the temperature difference across the wick, �Tw , was 0.8◦C. In re-
ality, the sensible heat transfer could be two or three times greater
than this value, because the approximate value of the temperature
difference corresponds to the temperature differences observed dur-
ing steady state, as shown in Fig. 5. This estimation implies that the
sensible heat transfer term becomes greater and may increase as the
degree of subcooling increases. Another factor to be considered is
the sensible heat transfer between the subcooled liquid and the con-
denser wall. Dickey and Peterson11 proposed a theoretical model
to estimate the amount of sensible heat transfer in the condenser
using a shape factor analysis, but this is not suitable for the present
study because the condenser wall temperature is a strong function
of geometry.

C. Performance Analysis
For a given cooling intensity and heat input, the average temper-

atures of the evaporator and condenser, as well as the coolant tem-
perature difference, approach steady-state values as time increases.
The relationship between the average evaporator temperature and
heat transport (or heat transport ratio) was examined to investigate
the heat transport limit of the RLHP. Also, the overall thermal re-
sistance was analyzed to evaluate the quality of the RLHP when
compared to conventional heat pipes.

As shown in Fig. 7, the average evaporator temperature can be
represented as a function of heat transport for the two different
cooling intensities. The current results obtained for the two differ-
ent cooling intensities are compared with the results of the pre-
vious investigations conducted by Kaya and Hoang.5 The curves

Fig. 7 Variation of the mean evaporator temperature as a function of
heater power for a given cooling intensity.

obtained for LHP1 and LHP2 indicate lower operating temperatures
for the same heat transport, which may be caused by several factors.
LHP1 has nearly the same shape, but a total length of half of the
present RLHP, whereas LHP2 has an equivalent overall length, but
the evaporator length is doubled. Another factor may be the degree
of cooling intensity, which was not clearly indicated in the previous
investigation.

In the current investigation, the evaporator temperatures increase
nearly linearly as the heat transport increases, up to a certain point.
Beyond this point, the two curves show identical increases in the
temperature rise, followed by a rapid reduction in the total heat
transport. These inflection points clearly indicate the heat transport
limits, and the evaporator temperatures corresponded to the dryout
states, where the capillary pumping pressure becomes less than the
total pressure drop and the capillary limit has been exceeded. For the
case of the lower cooling intensity, 72 W/◦C, the figure shows that
the heat transport limit is 446 W and corresponds with an evaporator
temperature of 72◦C, whereas the heat transport limit is extended to
a value of 924 W for nearly the same evaporator temperature as the
cooling intensity increases to 290 W/◦C. This behavior indicates that
the degree of cooling intensity is a strong factor in the determination
of the heat transport capability of these devices.

As pointed out earlier, the cooling method utilized in the con-
densers of these devices may be a dominant factor in governing the
heat transport capacity, especially when applied to thermal control
devices in spacecraft. One particular problem expected at low cool-
ing intensities is the excessive rise in internal pressure. This becomes
more important when using a working fluid with a high dP/dT , such
as ammonia. Even at moderate heat loads, such as 400 W, these de-
vices may still be susceptible to heat transport limitations followed
by rapid increases in temperature, causing the internal pressure to
exceed the allowable pressure limit. The saturation pressure corre-
sponding to the temperature limit of 72◦C is estimated to be 3.7 MPa.
The most effective way to solve this problem will be to carefully
control the operating temperature within a specified range to guar-
antee both performance and durability.

The heat transport ratio for the given heat input and cooling inten-
sity is presented as a function of average evaporator temperature in
Fig. 8. As indicated earlier, the behavior of a negative heat transport
ratio is clearly indicated by the fact that the heat transport ratio re-
mains negative during startup for a heat load of 120 W when using
a high cooling intensity of 290 W/◦C. During this time, the heat
load is so low that it cannot provide reliable startup, as shown in
Fig. 8. As indicated by the experimental results, the minimum heat
load must be greater than 240 W to satisfy this requirement. In other
words, the average evaporator temperature must be increased to a
value of 35◦C for a matched heat transport ratio such as 0.5, which
was adopted as a reference value in this study to evaluate startup the
reliability. However, the data for the high cooling intensity shows
that the heat transport ratio increases rapidly immediately after the
startup period and then steadily approaches a value of 0.9 as the
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Fig. 8 Variation of the ratio of heat transport to heater power as a func-
tion of the mean evaporator temperature for a given cooling intensity.

Fig. 9 Variation of overall thermal resistance as a function of the heat
transport for a given cooling intensity.

evaporator temperature researches a limiting value of 72◦C, corre-
sponding to dryout. The case of low cooling intensity indicates that
there is no problem during startup where the heat transport ratio
and evaporator temperature approached 0.6 and 42◦C, respectively,
even in a low level of heat input such as 120 W. Similarly, the heat
transport ratio tends to increase up to a value of 0.92, where the evap-
orator temperature is nearly the same as for high cooling intensities.
Based on these results, it is recommended that the average evapo-
rator temperature be maintained between 35 and 60◦C to guarantee
reliable startup and a relatively high heat transport ratio.

Using Eq. (7), variations in the overall thermal resistance for a
given cooling intensity are represented as a function of the heat trans-
port ratio and were compared with Dickey and Peterson’s study11 as
shown in Fig. 9. The overall thermal resistance measured using the
test article designed by Maidanik et al.10 shows much higher values
than those of the present study. This is the result of variations in the
diameters of the evaporator and condenser, which are approximately
half of those used in the present RLHP, while the total length is one
and half times longer. The data clearly indicate that the overall ther-
mal resistance decreases with increases in the heat transport and then
approaches the heat transport limit. Thereafter, thermal resistance
tends to increase and instead the value of heat transport decreases.
The curve corresponding to a low cooling intensity indicates that the
overall thermal resistance becomes 0.04◦C/W when the startup is
completed with a heat input of 120 W. However, the overall thermal
resistance begins to decrease with increases in the heat transport
and finally approaches a value of 0.003◦C/W. For the case of high
cooling intensity, the trend is similar except during startup, where
the overall thermal resistance cannot be defined because of the neg-
ative heat transport. In this high cooling intensity, the data show that

the overall thermal resistance decreases and eventually approaches
a value of 0.003◦C/W as the heat transport approaches 924 W. There
is only a slight change in the resistance, despite the variation of the
heat transport over the range of 240 to 926 W. Overall, the thermal
resistance is maintained below 0.02◦C/W for both cases, except dur-
ing the startup and dryout periods, as shown in Fig. 9. In addition,
the minimum heat transport required to maintain the resistance be-
low 0.02◦C/W is shown to be 120 W, which corresponds to 240 W
in the heat load. When the heat load is greater than 240 W, it is
possible to maintain an overall thermal resistance below 0.02◦C/W
as well as to guarantee a reliable startup regardless of the cooling in-
tensity. The minimum heat transport, 240 W, is regarded as another
lower bound corresponding to the lower temperature, 40◦C, which
is recommended for proper operation, as shown in Figs. 8 and 9.

IV. Conclusions
In this study, the transient response characteristics and steady-

state performance of a newly designed RLHP was tested, and the
dependence on the level of heat load and cooling intensity was ana-
lyzed by employing parameters such as the average evaporator tem-
perature, the heat transport ratio, and the overall thermal resistance.
The RLHP showed excellent transient and steady-state performance
characteristics over a wide range of heat loads and cooling inten-
sities, but did reveal startup problems, which can be successfully
eliminated by regulating the average evaporator temperature for the
particular operating conditions.

It was found that the transient and steady-state performances were
significantly influenced by the degree of cooling intensity, which
should be optimized to guarantee both reliable startup and high heat
transport capability. A heat transport limit of 446 W was observed
for a relatively low cooling intensity, 72 W/◦C, but this limit was
extended dramatically to 924 W by increasing the cooling intensity
to 290 W/◦C. Also, the overall thermal resistance was maintained
lower than 0.02◦C/W on the whole, except for startup and dryout
periods.

During startup at very low heat loads, the RLHP operation became
unstable as the cooling intensity increased. Thus, it is recommended
that the average evaporator temperature should be maintained be-
tween 35 and 60◦C to guarantee a reliable startup, a relatively high
heat transport ratio, and effective operation. Further tests in a thermal
vacuum environment are required to better understand the physical
mechanisms that govern the operation of the RLHP.
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